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Abstract: One of the techniques to reduce fuel consumption of automotive engines is downsizing. This
technique leads to a great increase of the boost level, which corresponds to increase in the power
recovered by the turbine. However, the turbine is driven by exhaust gases from the engine which are,
by nature, highly compressible and unsteady. This has made critical, the understanding and prediction
of the influence of unsteady phenomena on the turbocharger turbine's behavior. This paper deals with
the comparison between experimental and numerical results of pressure waves influence on the
turbine’s behaviour. Regarding the part dedicated to 1D numerical calculation, two different turbine
models were used: a literature one and a laboratory one. Finally, a new model suitable to modelise
variable and fixed geometry turbines, in zero or one-dimensional fluid dynamics codes has been
developed. It was conclude that this model is able to reproduce with good accuracy the fluid-dynamic
behaviour of the turbine operating under unsteady flow conditions by using the maps supplied by the
manufacturer as the only input data.
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INTRODUCTION

Turbocharging can both increase the power of an engine as well as decrease the fuel consumption of a
vehicle. This prediction capability is fundamental for choosing the right turbocharger early in the
development phase, for the development of control strategies and for the selection of the required
devices. Compressor and turbine characterization is usually made by turbocharger manufacturers
under steady flow conditions. However, the exhaust gases of an IC engine are quite different from the
steady flow test conditions. The unsteady exhaust flow nature and its effect on the turbine performance
has been the subject of investigation for the past few decades (1-3), whereas the turbine is usually
tested in steady flow conditions. Actually several different turbine models have been published in the
literature using the turbine characteristic curves (4). The main difference between these models is in
the way the fluid-dynamic behaviour is idealized by simple elements, thus simplifying the calculation
procedures and reducing the involved computing times.

MODELISATION

This model is a “free” filling-emptying model, because unlike the model of Serrano et al.(5), it does
not limit the effects of unsteady mass flow upstream of the turbine nozzle. The mass flow can go in
and out from the volume representing the volute without any entropy change but with an adaptable
pressure loss. Many researchers have observed and measured the unsteady phenomena (6), (7-8). As
indicated by Copeland et al.(9), some fundamental discoveries have been made in this domain, two of
the most important certainly are:

e The air volume (volute) before the nozzles (stator + rotor) acts as a reservoir, which can
accumulate and empty the mass of fluid over a pulsation cycle. In addition to the processes of
filling-emptying, there is an additional influence of the dynamic waves on the length of
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passage. The balance of these two effects determines the dynamic behaviour of the flow
entering the rotor and thus the power it produces.

e For the typical frequency ranges encountered in an internal combustion engine, the rise in
pressure is too fast to allow the complete mass accumulation. This hysteresis created between
pressure and mass flow produces an operating loop which can encircle the quasi-steady
operating line.

Model volume = Model Nozzle =
Turbine volute Turbine Stator + Rotor

Figure 1. Turbine model scheme.

Figure2, the turbine model consists of a storage volume (equal to the volute capacity) coupled to a
single nozzle (0D). Figure 3, as for the model of Serrano et al.(5), this model is coupled to pipe wave
action models (1D) which solves the gas dynamics equations of the one-dimensional elements through
the use of a modified Harten-Lax-Leer numerical calculation scheme Toro et al.(10). Pipes are
respectively placed upstream (intake) and downstream (exhaust) of the turbine.
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Figure 2. Simulation Code architecture.

Pulsed pressure flow

The study of the phenomena occurring in each tube requires knowledge of their boundary conditions
of them. This implies the use of open-end, nozzle boundary conditions and connection conditions for
turbine boundary. The pressure excitation is made via the inlet boundary condition of the tube A. the
pressure wave propagates along the inlet pipe, then across the turbine until the end of the outlet pipe.
The resolution of the system of equations for each boundary condition can be done by two different
methods, the method of characteristics (Riemann variables) and by the method of fictive
points/domains (meshed method) used by Chalet et al.(11,12). In this work, the latter is used, the
fictive points method for the encoding of these turbine models, because it is a conservative method.

The aim of this work is to extrapolate the fields of turbine from the points measured on the
turbocharger test bench. Indeed, measurements are generally carried out partially, that is to say they
present only a few operating points by iso-speed data. Thus, based only on the test bench
measurements, it would be impossible to estimate consistent mass flow rate values and operating
performances on a single iso-velocity with a variation of the expansion ratio across the turbine. The
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0D / 1D models accuracy depend strongly of the interpolation and extrapolation process and on a data
map that doesn’t take into account real engine conditions. So, for the cases where pure mathematical
interpolation and extrapolation methods are used directly from the supplier data maps, the validity of
the model results can be questioned. This is why, an extrapolation method inspired in large part, from
the methods of Martin et al.(13) and Jensen et al.(14) is employed. It incorporates physical laws, with
some extra-correlation tools as the corrected pressure ratio. Several attempts have been made to this
framework; only the most effective extrapolation method is presented in this paper. To take into
account the displacement of the critical expansion ratio in the turbine map, caused by the changes of
flow relative velocity in the turbine, a parameter called “corrected pressure ratio” depending of the
turbine rotation speed is introduced. This corrected expansion ratio is calculated via a simple linear
equation.

Step 1: assess the critical expansion ratio for three (or more) iso-velocities. For a Barre St Venant
equation (of a flow through a nozzle) the sonic blockage at the nozzle throat is product from an

expansion ratio equal to:
/4
P y+1\1
Terit :(Fej :( 9 j (1)
s Jerit

Step 2: Due to the moving parts inside the turbine which generate flow disturbances, the critical
expansion ratio usually measured increases with the increase of the rotational rotor’s velocity. For this
reason, the corrected expansion ratio is introduced to take into account this phenomenon, it is
expressed as a linear equation function of the real expansion ratio (equal to that measured on test
bench) :

7, (7, )= A, (Nturb)z, + B, (Nturb) @)
The parameters Ap(Nturb) and Bp(Nturb) are defined from a polynomial regression (order 2 for

my case) made in the evolution field of the parameters A and B defining the line of the corrected
expansion ratio for each iso-velocity.
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Figure 3. Evolution of the parameters Ap et Bp, in function of the rotor velocity.

Step 3: Now that the expansion ratio is fixed for all the defined iso-velocities (between 0 and 200
000tr/min), the effective area of the nozzle must be defined. Indeed, it is possible to characterize the
reduced mass flow evolution via the nozzle equations of Barre St Venant (3), (4), as follows:
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Step 4: To adjust the values of the calculated effective section, two parameters are used, the corrected
expansion ratio and rotor velocity of the turbine. The values of effective sections are calculated to
verify that the reduced mass flow rate from the measurements corresponds to the reduced mass flows
rate calculated using the nozzle equations of Barre St Venant (3), (4). From these values, a second
degree trend is built which allows a good compromise between simplicity and accuracy (5).

Seff = Al'Ntirb + AZ'Nturb + A3 (5)

Now, all parameters needed for the extrapolation of the flow field of the turbine are defined.

Concerning the extrapolation of the turbine efficiency map; much of the method of Martin et al.(13)
was used. Indeed, it is simple, based on the turbine physical characteristics, and shows that the
enthalpy change in the turbine operates in a linear manner with is the corrected flow rate. So, the
specific enthalpy change is expressed as:

Ah = A (Nturb)rm,, + B, (Nturb) (6)
The coefficients A, and B, are determined by the mean of a least square method based on the

supplier’s date map. Of course if the rotor is stationary, no power can be captured; so, in this case we
will have Ah = 0. Furthermore, it is possible to make the same observation in term of mass flow, if
the mass flow is null, the collected power is necessarily null. Knowing all this, it is possible to
determine the origin points of the coefficient A, and B,, suchas A, (0) =0 and B, (0) = 0. Thus, the
evolution of the parameters A, and B, can be plotted versus the rotational speed of the turbine rotor.
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Figure 4. Evolution of the parameters Ae et Be, in function of the rotor velocity.

Considering a quasi-steady behaviour of the turbine at each time step of the calculation; all the
thermodynamic variables of the fluid remain constant during this same time interval. So, it is possible
to calculate the total-to-static turbine efficiency as follow:
. _Ah hy—h] -
Ts — (i *
Ahis (h - hs ) Is

€

Where:

h: - h: : Represent the effective turbine energy consumption produced by the difference between the
total enthalpy at the turbine inlet and the total enthalpy at the turbine outlet.

(h: —h, )Is : Represent the ideal turbine energy consumption produced by the difference between the

total enthalpy at the turbine inlet and the ideal static enthalpy at the outlet.

Hence, the performance values from the extrapolation can be easily determined by using the classic
formula:
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The results in figure 5 show a very good correlation between the extrapolated values and the
experimental data. About the turbine efficiency extrapolation method, it can be noted that for the low
rotational speeds of the turbine rotor, the quality and number of measurements become critical.
Indeed, the operation range is very reduced at these low rotational speeds; and a large number of
curves can be extrapolated from them (because of concentration of points in the zone). Thus, a
substantial number of points on a wide range of expansion rate must be taken, in order to avert the
possibility of having turbine efficiency predictions greater than 1.
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Figure 5. Results of the turbine data map extrapolations.

MODELS RESULTS

Steady prediction comparison
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Figure 6: Reduced mass flow vs Pressure ratio plot: steady comparison of the models.

The calibration of the initial model is carried out by running under steady operation. When a wide
range of expansion ratios has been covered, the computational reduced mass flow rate and the
expansion ratio plot, shown in Figure 6, is constructed. The validated characteristics correspond to the
experimental tests values under steady flow conditions with the turbine shaft running at 120 000
rev/min; note that only one turbine shaft speed has been presented here but other variables were also
tested. Both models predictions are quite similar. But, due to the direct interpolation of the turbine
extrapolated data map, the laboratory model has a slightly improved accuracy (at the middle of the
pressure ratio range) compared to the model of Serrano et al.(5). Concerning the total-to-static turbine
efficiency, both models offer comparable performances. As for the reduced mass flow parameter, the
predicted and the measured data have a high degree of correlation.
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Unsteady prediction comparison

The tests were performed on a turbocharger test bench; the pulsed air supply is carried out via an
engine cylinder head (=pulse generator) on which is collected a pressure wave at the outlet of a single
cylinder. The pressure profile provided by the experiment produces a pulse with a pulse length fraction
close to @ = 1/3 in all of these cases. An idealized pressure wave (15) with a pulse length fraction ¢ =
1/3 is set to excite the models by pressure, and the stationary pressure and the unsteady amplitude are
equals to the measured mean values of each one.

In the part below, the comparison between the turbine measurements and the models results is
presented. Currently, the rotational velocity of the turbine rotor is assumed to be fixed (at
85 000rev/min ) regardless of the solicitations; as shown by Marelli et al.(16), this assumption can be
considered as possible, although it depends on the validity of the turbine dynamic qualities (such as
the rotor inertia for example) and on solicitations subjected to it. The compressor model integration is
a part of my future work. There is two cylinder head velocities which they were tested, 1000 and 2000
rev/min. The results of this works are presented on the figure 7 to 8.
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Figure 7. Comparison of measured and modeled inlet and outlet turbine pressures.

Nturb= 85 000 rev/min NCylHead= 2000 rev/min

1700

1600 -

A A A

1200

Pressure (mB)

= = Measurements
~——ECN model results
Serrano Model results

1100
VAN NN e
1000 NS — = N

900

0,1 0,11 0,12 0,13 0,14 0,15 0,16 0,17 0,18 0,19 0,2
t(s)

Figure 8. Comparison of measured and modelled inlet and outlet turbine pressures.

The comparison between the modelled and the measured results for a VGT turbine was carried out.
Figures 7 and 8 show an example of the results obtained for different pressure wave frequencies.
Figures 7 and 8 show the comparison between the modelled and measured pressure—time histories
results for turbine inlet and turbine outlet. Figure 7 shows a good agreement of the calculations of both
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models with measurements. The ascendant phase of the pressure rise is very well evaluated. However,
regarding the amplitude of the pressure wave and the general shape of the upper third, there is a slight
difference between the measurements and calculated values. This is may be due to the use of an
idealized pressure wave as excitation source of the system. The new model seems to better reproduce
the peak form of the pressure signal having a plateau. During the main pressure signal, the phase shift
between the pressure signal at the turbine intake and the one located at the turbine exhaust is
nonexistent at this small pressure level, thereby the turbine models work in quasi-steady conditions as
a single nozzle. Then, regarding "residual pressure waves" reflected by the system at the turbine inlet,
the presence of a phase shift between the models predictions must be noted. Moreover, it is also found
on the pressure waves at the turbine outlet which are in phase with the inlet ones. Figure 8 shows that
the difference between the two models is even more pronounced. The model from Serrano et al.(5)
slightly overestimates the values of the expansion ratio across the turbine while the new model seems
to better reproduce the pressure signal at the turbine intake, both qualitatively and quantitatively.

On the whole, there is a good agreement between the experimental values and those obtained from
each model.

CONCLUSION

A new model suitable to modelling variable and fixed geometry turbines, in zero or one-dimensional
fluid dynamics codes has been developed. This model consists of a volume representing the volute
and, a “nozzle” representing the stator and the rotor which reproduce the pressure expansion ratio
across them. The part abusively named "nozzle", uses a direct interpolation method of the extrapolated
turbine data map. The extrapolation method is inspired from literature works which incorporates
physical laws and some extra parameters. This method permit to predict with a good accuracy the
turbine performance on a very large range of pressure expansion ratios and rotor velocity, which is
critical for 0D and 1D models. Then, the interpolated values are integrated in the Naviers-Stokes
system of equations and implemented in the one-dimensional gas dynamics code.

In order to validate the turbine model, results were compared to tests performed on a turbocharger test
bench and to an other reputed model from Serrano et al.(5). The conclusion of this comparison was
that these models are able to reproduce the fluid-dynamic behaviour of the turbine with good accuracy.
The laboratory model seems to have a slightly better pressure prediction than the other model. But
other tests must be done in order to corroborate this assumption. The laboratory model permits to
reproduce the turbine behaviour under unsteady flow condition by using the maps supplied by the
manufacturer as the only input data.

The future developments will attempt to verify and improve the turbine efficiency predictions which
represent a blank in the design of most of turbine models.

ACKNOWLEDGEMENTS

The authors would like to express their gratitude to ADEME, PSA Peugeot-Citroén SA and Renault
SA for their financial and technical grant, thus making this study possible.

REFERENCES

(1) Benson, R.S., Scrimshaw, K.H., An experimental investigation of non-steady flow in a radial gas
turbine, Proceedings of the Institution of Mechanical Engineers, vol. 180, no. 3J, pp. 74-85, 1965-66.
(2) Szymko, S. Martinez-Botas, R.F., Pullen, K.R., Experimental evaluation of turbocharger turbine
performance under pulsating flow conditions, Proceedings of ASME Turbo Expo 2005: Power for
Land, Sea, and Air, Paper GT2005-68878, 2005.

(3) Payri, F. Benajes, J., Chust, M.D. , Programme pour étude assistée par ordinateur de systémes
d'admission et d’échappement de moteurs. Entropie 162, 17-23,1991.

(4) Benson, R.S., The Thermodynamics and Gas Dynamics of Internal-Combustion Engines, Volume
1. Oxford University Press, Oxford, 1982.

(5) Serrano, J.R., Arnau, F.J., Dolz, V, Tiseira, A., Cervello, C, A model of turbocharger radial
turbines appropriate to be used in zero- andone-dimensional gas dynamics codes for internal

57



combustion engines modelling, Journal Energy Conversion and Management, vol.49, pages 3729—
3745, 2008.

(6) Baines, N.C., Hajilouy-Benisi, A., Yeo, J.H., The pulse flow performance and modelling of radial
inflow turbines, IMechE Conference on Turbocharging and Turbochargers, Paper C484/006/94, 1994.
(7) Arcoumanis, C., Hakeem, 1., Khezzar, L., Martinez-Botas, R. F., Performance of a Mixed Flow
Turbocharger Turbine Under Pulsating Flow Conditions, ASME Paper No. 95-GT-210, 1995.

(8) Karamanis, N., Martinez-Botas, R. F., Su, C. C., Mixed Flow Turbines: Inlet and Exit Flow Under
Steady and Pulsating Conditions, ASME J. Turbomach., 123, pp. 359-371, 2001.

(9) Copeland, C., Martinez-Botas, R. M., Seiler, M., Comparison between steady and unsteady
double-entry turbine performance using the quasi-steady assumption, Journal of Turbomachinery,
Vol.133, July 2011.

(10) Toro, E.F., Riemann solvers and numerical methods for fluid dynamics: a practical introduction —
2nd edition, Springer-Verlag, ISBN 3-540-65966-8

(11) Chalet, D., Chesse, P., Hetet, J F., Boundary conditions modelling of one-dimensional gas flows
in an internal combustion engine, International Journal of Engine Research, vol. 9, no. 4,p. 267-282,
August 1, 2008

(12) Chalet, D., Chesse, P., Tauzia, X., Hetet, J F., Comparison of different methods for the
determination of pressure wave in the inlet and exhaust systems of Internal Combustion Engine, SAE
World Congress & Exhibition, 2006-01-1542., April 2006.

(13) Martin,G., Modélisation 0D — 1D de la chaine d’air des MCI dédiée au contréle, PhD Thesis,
Université d’Orléans, 2010.

(14) Jensen, J. P., Kristensen, A. F., Sorenson, S. C., Houbak, N., Hendricks, E., Mean value
modelling of a small turbocharged Diesel engine, SAE 910070, 1991.

(15) Costall, A., A one-dimensional study of unsteady wave propagation in turbocharger turbines, PhD
Thesis, Imperial College London, 2007.

(16) Marelli, S., Capobianco, M., Measurements of instantaneous fluid dynamic parameters in
automotive turbocharging circuit, SAE International Conference, 2009-24-0124, 2009.

NOMENCLATURE

Acronyms

VGT : Variable geometry turbine.

Notations
. 5 * * 1/2
My : Corrected mass flow rate. M./ T, /Pe (kg K )/(SMPa)
N Turb : Rotor rotation speed (rpm)

P Pressure (Pa).

T Temperature (K).

h Specific enthalpy (J.kg™)

S Cross section area (m?)

V4 Specific heat ratio. (CP / Cv ).

s : Total-to-static efficiency.

7,7p, PR : Pressure expansion ratio ( P: / F’S ).

Subscripts and superscripts

) Total value.;

Turbine inlet conditions.

Turbine outlet conditions.

Isentropic.

Crit : Critical conditions (for a choked flow).
crg Corrected value.

off : Effective.
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